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Abstract: The two-mass resonant vibro-impact module is presented as the rod system with cylindrical intermediate supports.
The corresponding design diagram is constructed. Based on the finite element method, the frequency of free oscillations is defined
for the corresponding location of the intermediate supports. A stress-strain state of the elastic element is considered. The stiffness
of the intermediate supports is defined by solving the contact problem between the cylindrical rod supports and the flat spring.
The dynamics of the vibro-impact rod system with multiple natural frequencies is analyzed taking into account the contact stiffness
of the intermediate supports. The determination of contact and equivalent stresses occurring during the operation of the vibro-impact

rod system is performed.
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1. INTRODUCTION

Vibromachines are widely used in industries with large energy
consumption, especially in metallurgy, civil and mechanical engi-
neering (Bednarski and Michalczyk, 2017; Nadutyi et al., 2013;
Filimonikhin and Yatsun, 2017). This emphasizes their actuality.
A large amount of vibromachines are of the vibro-impact type and
fall under the category of nonlinear systems (Babitsky, 2013).
They can operate both in non-resonant and in resonant mode
(Luo et al., 2007; Sokolov et al., 2007). Resonant systems are
energy efficient ones, so they have better prospects, despite the
peculiarities of their operational parameters control (Despotovié
et al., 2014). Their structural basis is formed by nonlinear stiffness
characteristics chiefly by piecewise-linear asymmetric characteris-
tics (Krot, 2010; Yoon and Kim, 2015). They are the most usable
ones in terms of implementation. Several elastic elements working
in series are applied to implement an appropriate stiffness charac-
teristic. One of them is a working element and the other one is
a nonmetallic (rubber) movement limiter. The system is to be
setup in order to ensure the resonance operation mode by chang-
ing the value of the stiffness coefficient of the metallic elastic
element.

2. DESCRIPTION OF THE STRUCTURE
OF THE VIBRO-IMPACT SYSTEM

Fig. 1 shows a general view of a vibro-impact resonance
module with an electromagnetic drive. It consist of two oscillatory
masses (working mass 1 and reactive mass 2), which have the
values of m1 and mz and are joined by one flat spring 3. The
oscillatory mass 1 is designed as a frame (body); the brackets 4
are fixed in their horizontal grooves. The metallic or non-metallic

cylindrical rods 5, on which the flat spring 3 is lent, are assembled
in vertical grooves of the brackets 4. The use of such movement
limiters allow to implement various asymmetric characteristics
of stiffness using one flat spring 4. Two alternating current elec-
tromagnets presented in a form of cores with coils 6 and arma-
tures 7, which are placed on corresponding oscillatory masses,
are used for system disturbance.

Fig. 1. General view of the two-mass resonance vibratory module:
1 — working mass, 2 — reactive mass, 3 - flat spring, 4 - brackets,
5 — intermediate supports (cylindrical rods),
6 — coils of electromagnets, 7 — armatures

The approach proposed for implementation of an asymmetric
stiffness characteristic (Fig. 2) consists in the use of the limiter
ina form of absolutely rigid supports contacting with the reso-
nance elastic element. Herewith, the rational implementation of an
asymmetric characteristic of a single stiffness element is possible
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under the condition of coordination of the structural parameters
with the frequency parameters of a vibratory machine, as well
as with the tractive characteristic of a drive.
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Fig. 2. Piecewise-linear asymmetric stiffness characteristic
of a flat spring with intermediate supports

Investigations on the subject of dynamics and synthesis of the
vibro-impact systems based on piecewise-linear asymmetric
stiffness characteristics are presented in many research papers.
Despite the fact that much attention is paid to the problems
of dynamic analysis, in particular to the stability analysis and the
study of nonlinear effects in a form of bifurcations and sub-
resonances (Simon et al., 2014; Belovodskiy et al., 2015),
it is essential to coordinate the main frequency and force charac-
teristics of a particular design diagram with the appropriate inertial
and geometrical parameters.

3. FEM MODEL AND FREQUENCY ANALYSIS

Considering the vibratory machines as the dynamic models,
while carrying out the calculations, they can be presented as the
rod systems (elements) with distributed or lumped parameters.

Fig. 3 shows an operational diagram of a resonance vibro-
impact module implemented in a form of a rod system. The up-
ward movement is implemented in diagram | without supports; the
downward movement is represented in diagram |l with rigid inter-
mediate supports. The structural non-linearity in a form of the
gapless asymmetrical stiffness characteristic (Fig. 2) is imple-
mented with a help of a flat spring of bending stiffness EJ using
rigid or relatively compliant movement limiters fixed on appropriate
parts of an elastic element. Herewith, the real two-mass system
can be transformed to the single mass system with the corre-

sponding mass reduction to an inertial coefficient m = itz
(mq+my)

Thus, the procedure of dynamic analysis is to be substantially
simplified, in particular by the generalized coordinate y(t).

Vibro-impact processes are attended by contact phenomena
both in the mediums being treated and in the mechanical systems,
in particular at the moment of switching the stiffness characteristic
from the parameter ¢; to the parameter c;;. Thus, it is important to
take into account these effects while carrying out the complex
analysis of a vibratory system for representation of the dynamic
problem integrity and for studying the efficiency of the vibro-
impact mode implementation.

The problems of frequency analysis of the elastic rod systems
can be solved directly by analytical methods, as well as by ap-
proximate methods (Clough and Penzien, 1995) performing
the finite and boundary elements analysis, or using the methods
of Relay, Dunkerley, etc. The finite element method (FEM) has
become very popular (Hutton, 2004) and it is the basis of all appli-
cations of computer analysis. Under appropriate conditions, the
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original problem can be reduced to the final formulas applicable
for performing the engineering calculations and the system de-
signing.
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Fig. 3. Operational diagrams of the rod system implementing
an asymmetric stiffness characteristic without (a)
and with (b) the intermediate supports

The formula for determination of the natural frequency
of bending oscillations of the rod system discrete model with the
reduced mass m is presented as (Hutton, 2004):

wop = [192E]/mlI3. (1)

To ensure the prescribed natural frequency of free oscillations
while performing the design calculation of bending stiffness EJ,
the following formula is used:

mL3wg;?
— . or 2
EJ 0 (@)

To construct the stiffness matrix of the presented rod system
with a help of FEM, it is used the basic element in a form of the
rod with four degrees of freedom: y;, y;,, and ¢;, ¢;,, are the
vertical displacements and the angles of rotation of the utmost
nodal points of the rod. The matrix of nodal reactions of the shear-
ing forces and the bending moments is as follows (Hutton, 2004;
Clough and Penzien, 1995):

R;
_ M;
Zi11] = Ri+l1 =
Miyy
[12/li3 -6/1> —12/1;° —6/li2] 3)
|6 M et 2
|_12/li3 6/l 12/l 6/1”
| —6/12 2/l 6/12 4/l

The matrix of reactions is used for constructing the diagrams
of the stress-strain state of the rod system.

The finite element diagram for free bending oscillations analy-
sis of the rod system presented in Fig. 3, b takes into account the
corresponding boundary conditions:

(3’0:0) ()’1=0 ) (y2=var)
®o =0/’ \@y =var/’\p, = var/’

: i @
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The stiffness matrix of 10 x 10 order of the separate finite
elements-rods is constructed on the basis of the on generalized
matrix (3) of the single rod in the absolute coordinate system
taking into consideration the boundary conditions presented in (4).

1 0 0 0
01 00
CO].:E] 0 0 1 0 5
0 0 0 4/
r1 0 00 1
0 4/l —6/1,% 2/1, |
Cip = EJ 22 /32 /zzl,
0 —-6/L,% 12/L,7 —6/1,%|
[0 2/l, —6/1,> 4/l

[12/1,> 6/, 0 6/1,°]

2
Cpy = Ej| 0/L7 4/l O 2/l |
0 0 1 0
L6/1,> 2/, 0 4/l
1 0 0 0
10 4/, 0 o
CGa=Elly o 1 of
0 0 o0 1

The stiffness matrix of the rod system with 10 degrees of free-
dom consisting of four rod elements (5) can be constructed by
adding the separate stiffness matrixes in the absolute coordinate
system, where the coefficients are to be added taking into account
the corresponding generalized coordinates:

Cos =
1 00 0 0 00 0 0 0
010 0 000 0 00
002 0 0 00 0 00
000242 =220 0 00

Ll LY

-6 24 6
EJOOOz?z?OOz?OO_ )
ooo 2 o 20 % 00

1y 1y ly
000 O 0 02 0 00
000 0 =202yt o o0

1L 1y i Iy

000 O 000 O 10
0o oo 0 0 00 0 o0 1

The free oscillations equation of the rod system is written
in the matrix form:

MXX+C04XX=O, (7)

where X = column(yy, @g, -.-, V4, ¢4) is the column vector of
the nodal finite elements displacements;
M = diag(0,0,0,0,m,0,0,0,0,0) is the diagonal matrix of the
inertial parameters of the localized masses; Cgy4 is the system
stiffness matrix.

The frequency equation of the rod system formed on the basis
of the determinant

det(_M X QZ + CO4) = 0, (8)

and allows to derivate the formula for calculation of the natural
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frequency of free bending oscillations:

oy = \/6E](l1 +4L) /m(l + L)L, ©)

According to the equations (1) and (9), the stiffness coeffi-
cients of the rod systems are as follows:

¢ = 192E] /13, ¢;; = 6EJ (I, + 4l,) /(L + 1L)1,°, (10)
Taking into account that [, = g — 14, the ratio of the stiffness

coefficients can be presented as:

ne = c¢y/cp = L*(L —1.50) /(L = 21,)3, (11)

The ratio of the natural frequencies of free oscillations is as
follows:

Ny = Wy /Wop =/ Ne.

For example, introducing the multiplicity condition of the bend-
ing oscillations of the considered rod systems as

ng = 2, (12)

the formulas of determination of the intermediate supports location
are derived:

I, = 0.275L, I, = 0.225L, (13)

considering that [; + [, = 0.5L.

Considering the stiffness of the intermediate supports. In fact,
the intermediate supports cannot be absolutely rigid (Fig. 4). Their
compliance can be influenced by the design of the corresponding
limiters made of the non-metallic materials.
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Fig. 4. Computational finite-element diagram and boundary conditions
of the rod system with elastic intermediate supports

To take into account the stiffness coefficient c,, of the inter-
mediate supports in a vertical direction, the resultant stiffness
matrix Co4 Of the rod system is constructed. It takes into account
the corresponding boundary conditions:

(2 20).Ca . (22

(s =var)- (52 =)

and is presented as:

(14)
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r1 0 0 0 0 0 0 0 0 0
0 1 0 0 0 0 0 0 0 0
2cy 12 | 12 6 6 -12 6
00 Ftety vy 37 2 0 o 00
6 6 4 4 -6 2
00 T ytn ow o 0 0 00
00 2 ) 2 200
Cos = EJ l26 122 b 8 l—26 lzz
0 0 = = 0 - = = 00 (15)
I, I, I, Iy Iz
-2 6 2y, 12,12 6 6
0 0 0 0 1,3 22 EJ + P A T 00
6 2 6 6 4 4
0 0 0 0 oL T o + o 0 0
0 0 0 0 0 0 0 0 1 0
0 0 0 0 0 0 0 0 0 1
The formula for calculating the natural frequency of free oscil- 10°N/m, ¢; =7.888 X 10°N/m, wy; = 314 rad/s,
lation of the system derived on the basis of the corresponding Wo;; = 628 rad/s.
equation taking into account the stiffness matrix Cq4 mentioned
above:
4. FORCE ANALYSIS AND STIFFNESS CHECK-UP
3EJLm(2c, Ll * — 3¢, L* + 3EJL) x
<2cyL3ll3 + 3EJL3 — 12cyL2114 +> The vector of the nodal displacements for statically loaded rod
hes +24cyLl15 _ 16cyl16 (16) system of mode Il can be defined by equation:
N 20, L41,% + 3E]L* — 12¢, 131, * +\ Y=Coy ' XP, (18)
\ +24cyL2115 - 16cyLl16 where P is the vector of external loads reduced to nodes.
o The nodal displacements vectors of each finite element-rod
The natural frequency of the system {2 is within wo; < 2 < are constructed using the matrix equation (18) in the form of state
woyy (Fig. 5) and approaches asymptotically to the value wy,, vectors:
with considerable increase of the stiffness coefficient c,,: Yo e
0 1
lim 0 = wqy, 17 % %
Cyooo oll (17) Yo, = yf Yy = }/21 ,
Considering the real support stiffness c,, in the case of ensur- A N
ing the appropriate value of the natural frequency requires ad- - - (19)
justment of their location using the appropriate formula (16). Z 2 (3; 3
_ |92 _|¥s3
Vo3 = |y [ Yoe = |y |
650 ' ‘ ' ‘ [ P3] [ P4 ]
600 - | ' ‘ The vectors of the nodal reactions of each finite element are
. determined using the matrix equation (3). Plotting a deflection
i) curve of each finite element-rod is performed based on the known
g 500 shape functions for unit nodal displacement (Shigley, 2011) de-
=l fined by (20).
8 450 T
g w0 | '(2x3—3l1:2+l13)'
= lh
350 (x3-213x%+1,%x)
i : i : _ 1,2
300 : | : : Yor () = (a2 X Yor
0.E+00  2E+07  4E+07  6E+07  8E+07  1.E+08 s
stiffness coefficient, [N/m] (x3—111x2)
Fig. 5. Influence of the stiffness coefficient of the intermediate supports L 12
on the natural frequencies of oscillations of the rod system 2(=1)3 =31, (=11 +1,%)
1,3
The model being analyzed numerically has the following pa- (G=1)3 =21 (x—11)2 +1,2 (x—11))
. — — — — 2
rameters: 5w = 314iad/s, m= 2_0 kg, L=05m, E = vy (%) = 312 . X Yy,
2.05 x 10° MPa, b = 0.080 m, R = 0.006 m. (c2(e=1)*+315 (x=12)?)
On the basis of the parameters presented above we can cal- 12°
culate the following values: EJ = 1.284 x 10° Nm?, [, = (Gt~
0.113m, [, =0.137m, h =9.79 X 1073m, ¢; = 1.972 X - b

130



§ sciendo

DOI 10.2478/ama-2018-0020

[(20c—1—12)3 =31, (=11 —13)%+1,3)]
1,3
(x—11=1)3 =215 (x~11 1) %+
+ (=11 —1p)
— 2
V23(x) = l2 X Y3,

(—2(x—11-13)3 431, (x— 11 —13)?)
3

)

(Ge—11-12)3 - 1p(x—11-13)?)
2

)
-(z(x—11—212)3—311(x—11—212)2+)- (20)
+1,8
1,3
((x—l1—212)3—211(x—ll—212)2+>
+112(x—1;-21,)
yaa(x) = : 1121 : X Y34.

(—2(x—11-212)3 431 (x—1;—213)?)
3

5%

((e=ta=215)3 -1y (x—13 ~21p)%)
2

I

The total displacements and the rod deflection curve of the
system Il are determined using the following dependences:

{ yor(x),  0<x<U,
_ y12(%), L <x<l +1,
Yo = Y23(0), L+ 1 <x <+ 2, (21)

k3’34(35),

The stress state of the system is defined by the values of the
bending moment, the shearing force, the normal and the shear
stresses:

M) = B/ -y, @) = Bl Sy (),
(22)

o(x) = Mx)/W, 7(x) = Q(x)Smax/b],

where S,.., = bh?/8, ] = bh3/12, W = bh%?/6 are the
geometrical characteristics of the flat spring's cross section; b and
h are the width and the thickness of the flat spring, correspond-
ingly.

If the nodal loads vector is presented as the concentrated
force with the amplitude value F, which acts on the local oscillato-
ry mass in the central cross-section, thus, by solving equations
(18), (20)-(22), in turn, we obtain the corresponding diagrams
of deflection, rotation angle, shearing forces and bending mo-
ments when the rod bends. Calculation of the maximum equiva-
lent stresses in the corresponding cross-sections of the elastic
element and for the corresponding design diagrams is very im-
portant for the proposed variant of implementation of the asym-
metric stiffness characteristic.

The values of the maximal bending stresses are defined using
the well-known formulas (the indexes denote the stresses for
corresponding design diagrams):

_ Mmax1 _ Mmaxi1
Omaxl = w y OmaxIl = w (23)
_FL v _ Fl(14+21p)
where Miaxs = 2 Mmaxir = [Z12]s = Sairay) A€ the

maximal bending moments in the dangerous cross-sections of the
rod systems discussed.

The maximal shearing stress in the central cross-sections of
the rod can be defined as:

1.5F
Tmaxl = Tmaxil = oh (24)

acta mechanica et automatica, vol.12 no.2 (2018)

The equivalent von Mises bending stress is as follows:

Ooq =/ Omax? + 4Tmas’. (29)

The stress-strain state analysis of the rod systems can be car-
ried out by the value of the displacement y,,, of the local mass or
by the value of the restoring force which is defined by the given
displacement for the corresponding diagrams using the appropri-
ate formulas: F; = ¢;yy,, Fi; = ¢;;Ym. Considering that y,,, =
0.24 mm, we obtain the diagram of the form | with o, =
23.2 MPa; for the diagram of the form Il we obtain geq; =
59.5 MPa. The diagram of the deflection and equivalent stresses
for a half of the elastic element (considering symmetry of the rod
system) is presented in Fig. 6.

a)

displacement, [mm)]

equivalent bending stress, [MPa]

0 02 04 0.6 0.8 1
parametric distance

Fig. 6. Graphical dependencies of deflection (a) and equivalent bending
stress (b) for the half-rod

Considering the reactions in the intermediate supports
(caused by the shearing force), the check on the contact stresses
between the cylindrical support and the flat spring is carried out
based on Hertzian contact stress theory. The contact pressure is
defined by the corresponding formula (Shigley, 2011):

2
Pmax = n_i;: (26)

2 1—u12+1—u22

v — E Ex .

where t = K,;./Q;; K, = E?’ b is the length of
the contact area (i.e., the width of the flat spring); R is the radius
of the intermediate support; E;, E, and puq,u, are the elasticity
modula and the Poisson’s ratio of the materials being in the con-
tact; Q, is the support action on a spring, which can be deter-

mined at the sum of reactions (shearing forces) in the rod's node:
Fu (1,2 + 441, + 3L,%)

The components of the spatial stressed state vector are de-
termined by the following formulas (Shigley, 2011):

(27)

Q1 = [Zo1ls + [Z12)4] =
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142732
Ox = ~Pmax F_ zlqbl ’
1+§'b2
o — (28)

y = ~Pmax \/@;
0; = _Zﬂlpmax <‘ 1+ sz - |Zb|>

where ¢, = y/t = 0.786 s used for the calculations consider-
ing the maximal stress values.

Herewith, the main stresses are equal to the following axial
components:

0y = 0Oy, 03 = 0y, 03 = 0y, (29)

The maximal shear stress and the equivalent stress in the
contact zone are as follows:

01—03

s = 252, (30

(contact) —
0 max -

\/% [(07 — 02)? + (0, — 03)2 + (05 — 01)?].

(31)

The compliance of the intermediate supports depends on the
relative displacement A, of the flat spring and the support in
contact zone can be determined by the following equation
(Pisarenko et al., 1988):

2 4 2
A= 0.833\[% (ﬂ + ﬁ) . (32)

Eq E3

The stiffness coefficient in the contact zone is ¢, = Q,/A..
For steel-steel contact problem the formulas are as follows:

A= 1.233/(%)2%, (33)

¢, = 0.813/Q,RE>. (34)

The last formula allows taking into account contact stiffness of
the intermediate supports during implementation of the vibro-
impact operation modes. In particular, assuming that its value is
parametrically dependent on the contact force, we obtain the
dependence of contact stiffness on the instantaneous displace-
ment y(t) of the local mass.

5. DYNAMIC ANALYSIS

In order to perform the dynamic analysis (Dyachenko et al.,
2017), there is studied a model of forced oscillations taking into
account instantaneous change of the frequency parameters of the
rod system due to switching the stiffness characteristics and
considering the contact stiffness of the intermediate supports:

" o wo? - y(6), y() =0
y"(£) +2n y(t)+{90”[y(t)]z,y(t)’y(t)<0 )
= f - sin(wt),

where: n=b/2m, b=2mwl, (=015 f=F/m,
F = 600 N.
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The kinematic characteristics (Fig. 7) of the local oscillating
mass motion are obtained using the numerical method RADAU
while solving (35). The characteristics have asymmetric nature
confirming the presence of the vibro-impact mode.

a) 0.0007
0.0006
0.0005 } ‘ 1
0.0004 T2 -H1-1t-N- -3 B i i
0.0003 +1t-HY- y

0.0002
0.0001 +

displacement, [m]

J ||
-0.0001 0-H--H095--H - 01-H- 0
00002 +-4--N-4-§-§--§-§-
-0.0003 - ‘ ; ;
-0.0004

acceleration, [m/s?]

0.1

X . X 0.
- -+ = —I’ ]
0 . . l

time, [s]

Fig. 7. Time dependencies of the dynamic displacement (a)
and the acceleration (b) of the local mass

The obtained system has the following amplitude-frequency
characteristic (Fig. 8), the resonance peak of which is determined
by the following value of the natural frequencies of free oscilla-
tions (Yevstignejev, 2008):

2Wq; W rad
0= —— 2 — 41867 —. (36)
Wop T Wopy S
0.0012

0.001 1

0.0008

0.0006

displacement, [m]

0.0004 1-

0.0002

i i I 0,/(2m)=66.63 [Hz)

0 20 40 60 80 100 120
frequency, [Hz)

Fig. 8. Amplitude-frequency characteristic of the system

Multiple subharmonic and superharmonic resonances, which
are analyzed in publications of Belovodskiy (2015), Luo (2007,
2009) and Simon (2014), can be observed on the obtained ampli-
tude-frequency characteristic (Fig. 8).

Considering that in Eg. (27) the contact force depends on the
instantaneous displacement y(t) of the local mass, the paramet-
ric dependency of the contact stiffness on the contact force is
constructed in Fig. 9 and has the explicitly nonlinear character.
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10000

contact force, [kN]

Fig. 9. Dependency of the stiffness coefficient of the intermediate support
on the contact force (on the local mass displacement)

Herewith, the equivalent bending stress and the contact force
are determined by the working conditions of the rod system:

Oeqi (1), y(t) =0,
Oea(t) = {ae:,,(o.y(t) <0, )
0,y(t) =0,
Q.(t) =1 Fy [J’(t)](llz + 4L, + 3122) (38)

y(t) <0,
20, (1, + 4l,) y®

where Fj;[y(t)] = c;[y®]y(®) = mo[y®)]>y(t) is the
restoring force in the central cross-section of the rod system.

The instant dependencies of the equivalent bending stresses
and the contact stresses are presented in Fig. 10 and have the
asymmetric impulsive character. The obtained results shows that
the maximum values of the bending and contact stresses take
place during the contact of the flat spring with the cylindrical sup-
ports.

20 ; .' :
nogontact | with contact
o 200 ----ne- omeme e e - -\
oo
=
$ 150 f--mmnmmcfrmmmmmedeen S S
w
@ ‘ . '
k7]
T [ B
g
2
=1
8 50 fr--mmmmemeeomoaeot ,
0 ‘ ! ;
0.5 0.505 0.51 0.515 0.52
time, [s]
| m— hending = contact ‘

Fig. 10. Time dependency of the equivalent bending stresses
and the contact stresses of the vibro-impact rod system

The bending stress is changing linearly and the contact stress
is nonlinear in relation to the displacement of the local mass (Fig.
11, a). As an additional result, let us present the parametric de-
pendency of the calculated stress values (Fig. 11a) and the restor-
ing force of the flat spring (Fig. 11b) in respect to the instantane-
ous displacement of the local mass.

acta mechanica et automatica, vol.12 no.2 (2018)

250 r
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Fig. 11. Parametric dependency of the calculated stress values (a)

and the restoring force (b) of the spring in respect
to the displacement of the local mass

The synthesized asymmetric stiffness characteristic taking into
account compliance of the intermediate supports (contact zone
pliability) can be presented as:

cy(),y() =0
cpy (@), y(@) <0’

Subsequently, the considered elastic element can be calculat-
ed by well-known techniques in order to ensure necessary durabil-
ity and endurance taking into account bending and contact stiff-
ness and stress asymmetry (Kogaev, 1977). The similar results
are presented in the publication (Gursky and Kuzio, 2016). Com-
plex accounting of the bending and contact stresses is carried out
using the reduced coefficient of strength, which should not exceed
the permissible value.

RIV(®)] = {

6. CONCLUSIONS

A complex dynamic analysis of the vibro-impact system based
on the rod system is carried out using the finite element method.
Compliance of the intermediate supports is considered and the
analytical equation for calculating the natural frequency of free
oscillations of such system is derived. The calculations of the
contact stiffness are presented and modeling of oscillations of the
vibro-impact system is performed taking into account stiffness of
the intermediate supports. On the basis of the results of the dy-
namic analysis the stresses checking is carried out considering
the bending conditions and the contact stiffness. The expediency
of this approach is substantiated by the obtained formulas which
are used while carrying out design calculations and allow to per-
form the efficiency evaluation of the vibro-impact modes imple-
mentation meeting the requirement imposed on strength of the
basic system’s element.
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